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Abstract

Automobiles vibrate due to different road irregularities, which affects
safety and ride comfort. To reduce these effects, Half-car model with four
degrees of freedom is adopted, considering vertical motions of the front and
rear wheels and rotational motion about the vehicle’s center. The model is
tested with and without modifications to the damping system. The damping
system is altered by applying two external hydraulic control valves and two
check valves fitted to the front and rear dampers. This model’s response is
investigated theoretically under step road input and practically under
Impulse close to sine road input. The parameters: mass, damping factor, and
spring stiffness are adjusted to achieve improved performance. The objective
of the optimization is to minimize (settling time, peak overshoot percentage,
and steady-state error). Matlab-Simulink program is used for simulation,
combined with an optimization technique called the” line search method”.
The optimal front control valve parameter values are found to be: mass of 2
grams, damping factor of 7 N.s/m and spring stiffness of 9000 N/m, while
for the rear one, the mass is 2 grams, damping factor is 8 N.s/m and spring
stiffness is 13000 N/m. Results show that this approach enhances the overall
dynamic response compared with the approach of a passive damper system;
the center sprung mass settling time for the smart damper case was reduced
by 65 % and the peak overshoot by 55% as contrasted with the passive

damper, providing more ride comfort and vehicle stability.
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Chapter one Introduction

Chapter One: Introduction
1.1 Overall View

During the motion of an automobile, it is exposed to vibrations due to
external disturbances as a result of road profiles, causing riding discomfort.
Vibration takes the form of pitching, rolling, and yawing. A variety of early
treatments for this undesirable phenomenon, included adding springs and
hydraulic dampers. It is known that these first treated means were based on
constant stiffness and damping factors, which partially meet the demands of
ride comfort, road handling, and stability. Therefore, more studies were
conducted, which led to the invention of semi-active and active dampers that
help to provide more vehicle stability and road handling, as well as ride
comfort. The pitching and rolling motions of the vehicle can contribute
significant energy to the overall excitation of the vehicle and payload[1]
Controlling automobile vibration mechanically and /or electrically has a
significant role in automobile road handling and passenger comfort. This is
achieved by attaching a stepper motor for each shock absorber, which helps
in adjusting the bleed orifice to a certain position that alternates the
hydraulic oil flow in the shock absorber between the piston’s chamber
during the process of compression and rebound[2], [3]. “The results show
that the smart damper attenuates the vibrations of the sprung mass in a short

period compared with other types of dampers,”[4].

1.2 Types of Suspension Systems

The suspension systems can be categorized as follows:

I. Independent Suspension: Independent suspension is usually
used in vehicles that allow each wheel to move vertically
independently of the others and afford better handling, comfort,

1



Chapter one Introduction

and traction by separating each wheel's movement. This type
can be divided as below:

1. MacPherson Strut suspension: It consists of a damper and a coil
spring into a single unit to minimize the required space and is
easy to maintain. This design is low in cost for a wide range of
vehicles. This suspension type can be shown in Figure (1-1):

strut top-mounting suspension spring

wheel hub fixture

hydraulic damper /

“

p
& //

\\\ /\\\
oweram — e

Figure (1-1): MacPherson Strut suspension.

wheel assembly

2. Double Wishbone suspension: Double Wishbone suspension is
an advanced independent suspension system. Two control arms
formed as wishbones to connect the wheel hub to the chassis.
This design provides better car steering, good road handling

2
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Figure (1-2): Double Wishbone suspension system.

during cornering, and eliminates tire wear. It can be illustrated
in Figure (1-2).

Multi-link suspension: This suspension type uses multiple
control arms to connect the wheel hub to the chassis, providing
precise control over wheel movement. This advantage gives
cars equipped with this type of suspension, especially sports
cars, comfortable steering control during traction and cornering.

Figure (1-3)': Multi-link suspension system.
3
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Dependent Suspension: This suspension system is rougher in
ride quality than an independent suspension system because
each wheel's displacement partially affects the other
displacement lying on the same axle. This design causes less
stability and road handling, particularly on uneven road
profiles. This design is simple to manufacture and costs little to
hand. It can be found in the vehicle's rear axle in two forms as
follows:

1. Solid Axle: In this type, two or more wheels that lie on
the same axle are linked to a single rigid beam or axle
housing. This design minimizes control links and
reduces road handling, especially on uneven roads. The
design of a solid axle has the advantage of durability and
the capability to carry high loads; therefore, it is used in
heavy-duty trucks. Figure (1-4) shows this type.

Figure (1-4): Solid axle suspension system.

4



Chapter one Introduction

2. Torsion Beam: This type involves a solid beam that joins
the wheels on the same axle, permitting partial
independent displacement. It is simple in design, has
low-cost maintenance, and requires little space. For that
reason, it is used for a variety of car models, providing a
good balance between vehicle stability and ride comfort.
Figure (1-5) illustrates the suspension type.

Figure (1-5): Torsion beam suspension system.

3. Semi-Active and Active Suspension: Semi-active
suspension systems vary the damping rates according to
the road profiles and driving dynamics, providing a
balance between passenger comfort and road handling
without the difficulty of active systems. Figure (1-6)
shows a semi-active damper with electric coils. When
energized, the Magnetorheological fluid changes its
characteristics, resulting in adjusted damper stiffness

5
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accordingly. Active suspension systems use sensors and
actuators to control damping rates continuously,
enhancing comfort and vehicle stability noticeably.
Figures (1-7) and (1-8) illustrate an active suspension
system.

Connection

Top cap

Top seal
Cylinder
Rod

Piston Coil A

Coil B

Bottom seal

Guide tube

Bottom cap

Figure (1-6): semi-active damper with electric coils.
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Linear Electromagnetic Motor

Wheel Damper

Toe Link Upper Arm §

Strut Rod

Torsion Bar
Quter CV Joint

Lower Arm

Figure (1-7): Bose electromagnetic car ( active) suspension.

Figure (1-8): A car with Bose Active Suspension floats along the road and
through corners.
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1.3 Viscous Damper Composition

~N oo o1 A W DN P

Viscous dampers are hydraulic devices that restrict the
fluid stream to control motion and dampen vibrations. In cars,
they are simple in design, thus they can be produced in mass
production to meet market demands and requirements, and can
be trusted for safety because they can work at different
temperature ranges. “Dampers are largely responsible for
determining a car's driving character, so choosing the right one
matters” [5]. They are composed of the following parts, as shown
in Figures (1-9) to (1-12):

Piston.

Main shaft.

Compression shims.

Rebound shims.

Hydraulic liquid (oil).

Nitrogen (used in some high-performance dampers).

Floating divider (used in dampers equipped with nitrogen or
pressurized air).

Base valve compression shims (twin-tube and internal bypass
dampers) as shown in Figures (1-10) and (1-11).

Electromagnetic coils (used in electromagnetic damper) as shown
in Figure (1-12).
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The monotube damper shown in Figure (1-9) is a single tube only
filled with hydraulic fluid (oil) during the compression stroke to the left and
at the rebound stroke to the right. The oil passes through the orifice hole and
regulates fluid flow during extension in a monotube damper, affecting

damping forces and suspension behavior.

3 ﬁ
3
C}'lindcr\ (: :) \ —
Hyvdraulic fluid —__| \ L,

Orifice hole — | u ! ! u L

Piston N 2
1_‘_‘_“—'-- L

Figure (1-9): Monotube damper during compression and rebound strokes.

The twin-tube damper illustrated in Figure (1-10) has inner and outer
tubes. The first one contains a piston, base valve shims, and fluid, and the

outer acts as a fluid reservoir, improving heat transfer to the outside of the

damper and prolonging its life.
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- QUTER TUBE
-1-HE- INNER TUBE

-0IL
-NITROGEN

-SPECIAL ~ COMPRESSION
FEATURE @4 4t . SHIMS
7§~ REBOUND

SHIMS

REBOUND
- CHECK VALVE

" BASE VALVE
COMPRESSIQ
SHIMS

Figure (1-10): Twin-tube damper.

The Internal bypass damper illustrated in Figure (1-11) uses internal
passages to control fluid flow, permitting variable damping rates without
outside adjustments. The internal passages are configured and shaped to

meet the required damping rate that gives needed handling and ride comfort.
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REFILL
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TUBE

Figure (1-11): Internal bypass damper.

The magnetorheological damper shown in Figure (1-12) uses an

electromagnetic coil to precisely adjust the vehicle's dynamic response and

to deliver the appropriate damping rate for the required handling and ride

comfort.
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Figure (1-12): Magnetorheological Damper.

1.4 Vibration Control Techniques of Viscous Damper

Many techniques are used in the vibration control of viscous dampers,
as below:

 Electronic Damping Control System: In this system, electronic
components (Sensors and a control unit) vary the damper force according to

the road profiles and driving conditions.

12
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» Active Damping System: This system uses hydraulic or electric
actuators to continuously vary the damper force based on road conditions
and vibration data provided by sensors.

» Semi-active damping System: It uses wireless frequencies,
electromagnetic valves, and coils to change the damper force in real time,
but less than the active suspension system.

* Smart damping System: Mechanical control valves are added to a
passive damper and transformed into a smart damper, enhancing both road

handling and vehicle stability.

1.5 Ride Comfort

Vibrations, noise, acceleration, and other factors that impact people's
comfort, activity, and health are experienced by both the driver and
passengers in cars. Vibrations' impact on the human body depends upon
their frequency, amplitude, duration, and direction of effect. Driver and
passenger tiredness from prolonged vibration exposure impairs their
performance and decreases their functional state. One of the primary needs
for modern cars is to improve ride comfort because this can have an impact
on traffic safety. When driving a car, the driver and passengers experience
various conditions, effects, and experiences that make up the ride comfort.
Measurement, assessment, and analysis of the several elements influencing
ride comfort have been the focus of numerous research projects and
scientific advancements. Numerous complex aspects that can be divided into
the following categories influence how comfortable a car's passengers are:
The microclimate in the vehicle's passenger compartment (cabin) (thermal
comfort, air quality, atmospheric pressure, etc.); the mechanical comfort

(vibrations with low and very low frequency, shocks, and accelerations); and

13
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the factors based on the passengers' comfortable positions are all dynamic
factors that affect ride comfort. The driver and passengers use their
subjective judgments to rate the comfort of the trip. “The ride comfort
depends on the characteristics of the forces that cause oscillations and
vibrations, on the design of the car, the parameters of the suspension, the

driving conditions, etc.”[6].

1.5.1 Human Body Vibration Acceptable Limits

Automobile vibration sources can be classified into onboard
vehicle sources from the “engine, the driveline, and the wheels. These
sources supply the vibration in the frequency region of 25-20000 Hz”[7],

and road sources from road conditions. The human body can deal with

vibration from rarely felt at 0.01 sz (at 1 HZ to 20 HZ)[7] to a hazardous

m . . . .
peak value of 1 = depending on the frequency, direction, and duration of

the vibration”[8]. The on-road acceptable vehicle vibration beginning from

0.1 Sﬂz for smooth riding to 0.2 sz rmsto 1 sz r.m.s for uncomfortable

riding, while off-road vehicles can reach 2 sz r.m.s or more [8]. Figure (1-
13) shows the natural frequency of human body parts [9]. Reaching a
frequency equal to or near the natural frequency of any part caused a

harmful issue.
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ahosu::)r Girdle
\. ggjto\gal-':z)
Lung Volu
Lower Arm
(30-40 H2)

Spinal Column
(axial mode!
(10-12 H2)

flexing to over
Hz with rigid posture)

Full Body  Supporting

Standing Persd
surface

Figure (1-13): Natural frequencies of the human body[7].

1.6 Road Handling

The term "road handling” describes an automobile's ability to be
stable and efficient on a variety of road conditions, including things like
steering reaction, cornering ability, and stability at high speeds. Road
handling quality depends on many variables, including tire setup, drivetrain
type (front-wheel drive, rear-wheel drive, or all-wheel drive), and
suspension system. The ultimate goal of improving road handling is to
increase driver confidence and vehicle performance, which will ultimately
guarantee passenger comfort and safety. Good road handling requires a
balance between performance and comfort to provide drivers with a sense of

security and control under a variety of driving circumstances. “The system
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should be capable of switching safely and predictably between a stiff spring
and high damping mode (for handling) as well as a soft spring and low
damping mode (for ride comfort)” [9]. Figure (1-14) illustrates the relation
between ride comfort and vehicle stability (road handling) when increasing
damping leads to more road handling but low ride comfort. On the contrary,
when decreasing damping leads to low vehicle stability but more ride
comfort, a balance was chosen represented by the point of intersection

between the two curves.

.|.

Ride Comfort Vehicle Stability

Low Damping <—>» High Damping

Figure (1-14): Road handling aginst ride cmfort.
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1.7 Aim and object

The aims of this work can be summarised as:
1. Create and build a model of a half-car apparatus to test both passive
(traditional) and smart dampers.
2. Developing and producing novel smart dampers.
3. Create a control plan for the suspension system with the proposed smart
dampers that regulate vibration.
4. Assessing the vibration of the vehicle suspension system controlled by the
two smart dampers by using several types of control valves.
5. Examining how the system response is affected by the damping change.
6. Evaluating the suspension system's responsiveness while utilizing
the two smart dampers vs the two passive (conventional) dampers.
7. Examine how the two smart dampers respond in practice and

contrast them with the two smart damper simulations.
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Chapter Two: Literature Review

2.1 Introduction

Automobiles passed through a revolutionary development, including
all aspects like improving vehicle performance, comfort, and safety.
Vibration control is one of the most significant matters that affects these
aspects, leading to more passenger comfort and road handling. Controlling
vibration prolongs the life of the automobile structure and ensures cargo
transportation safety. Many studies were conducted in this field based on
quarter and half-car models with advanced damper technology like smart,
semi-active, and active dampers to vary damping rates according to road
profiles and driving conditions. By uniting smart dampers with suspension
systems, studies aim to enhance passenger comfort and/or stability. This
literature review seeks to explain the efforts and challenges created
through historical developments to recent studies focusing on researchers

and technologies used in automobile vibration control.

2.2 Automobile Vibration Control Past Studies

Many researchers have studied the vibration control of
automobiles to improve vehicle road handling, safety, and
passenger(s) comfort, leading to the invention of passive, semi-

active, and active suspension systems.

2.2.1 Passive Damper Studies
Goga, V., & KIuc¢ik, M. [10] presented a study focused on the potential of
combined simulated modelling and evolutionary computation in the
optimization process. A half-car mathematical model was developed using

the MATLAB/Simulink package. The study optimized the stiffness and
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damping coefficients of the passive suspension through evolutionary
computation. Comparative analyses were conducted between the
simulation results of the model using the original and optimized
suspension parameters. As compared to the model with original
parameters, the findings for the model with optimized parameters show a
significant decrease in amplitudes and a faster stabilization of measured

quantities.

Sharma, P. et al [11] presented a quarter-vehicle model with two degrees
of freedom. For the overshoot and settling time of the sprung and the
unsprung mass, the impact of a speed bump as a step function is
examined. A MATLAB application was created for the state space model
analysis. The program created here can be used to analyze vehicles'
quarter automobile models with two degrees of freedom, which will help

reduce the cost of test rigs and circuits.

The research presented by Shahriar, A. et al [12] investigates a half-car
model with a passive damper experienced Road Humps, according to the
1999 Highways Regulations. The MATLAB numerical simulation
program studied its effect on the separated front and rear suspension to

obtain the best damper parameters.

2.2.2 Magneto-Rheological (MR) Damper Studies
Hassan Ahmed Metered [13] looked into magneto-rheological (MR)
dampers. The features of these dampers were varied by controlling the
voltage signals. The study found that the simulation results showed good
dynamic performance, leading to enhanced ride comfort. Control

algorithm development for MR-damped automobile suspensions is the
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main focus of the research to increase cost-effectiveness and reliability
while decreasing the use of sensors. Comparing the controlled system to
the passive system, the former may lower the maximum RMS (root mean
square) value of seat acceleration by 27% and seat travel distance by

67.64%, respectively.

Krauze, P., & Kasprzyk, J. [14] investigated automobile vibration with a
four-degree-of-freedom (4-DOF) car model utilizing MR Dampers, taking
its road roughness data from a sensor on the front axle to reduce
vibrations in semiactive vehicle suspensions, minimizing the requirement
for additional sensors. By using the Skyhook algorithm to control the front
damper and another algorithm for the rear damper, the aim is to lessen the
vehicle's body displacement. The study shows through simulations that

vibration control in the suspension system progresses magnificently.

According to the work by Hemanth, Kumar, and Gangadharan [15], a
half-car model with a magnetorheological (MR) damper under random
stimulation is dynamically studied. A mathematical model for the
prototype MR damper was proposed. The MR damper suspension system
performs well when compared to passive suspension systems with
proportional-integral-derivative (PID) control and the half-car model with
semi-active suspension. The MR damper-based suspension system with
the PID controller lowers the vibration amplitude by about 33% and
indicates that the vehicle's road-holding performance is 40% better than

when using a passive suspension system.

Ansari, M. A. et al [16] studied the effect of altering the geometry of the

magnetorheological damper by changing its circular gap and piston

21



Chapter Two Literature Review

configuration. MRD1 to MRD6 are the names of the six distinct MRD
(magnetorheological damper) models that have been designed with
various configurations. Additionally, the magnetic flux density is
computed using the MRD model's magnetic reluctance circuit. This
procedure affects the magnetic flux density that makes (MR) fluid inside
the damper more or less stiff accordingly. This results in choosing the best
magnetorheological damper model concerning optimum magnetic force

and decreased weight.

Yaghoubi, S., & Ghanbarzadeh, A. [17] provided a study to lessen vehicle
vibrations by adding a magnetorheological damper (MR damper) to a
half-car model with four degrees of freedom. The vehicle system has been
modeled using MATLAB/Simulink software. The particle swarm
optimization (PSO) technique has been used to optimize the suspension
system variables to reduce vehicle vibrations and enhance passenger
comfort. Vehicle vibrations have been found to decrease when the MR
damper is integrated in any mode. In the first optimization mode, the
objective function's greatest improvement was around 18%, whereas in

the second optimization mode, it was approximately 32%.

2.2.3 Semi-active Damper Studies
The work done by Tyagi, S. R. [18] concentrated on testing a new semi-
active damper. Initially, a 2-degree-of-freedom quarter-car model was
used to simulate the damper. Detailed analyses were performed using a
MATLAB/Simulink model to evaluate the physical and flow dynamics. A
double damper was designed and tested against single semi-active and
passive dampers of comparable dimensions to demonstrate much greater

damping capabilities. Significant variations in the damping force were
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shown by adding a low-power bidirectional valve as a bypass circuit for
both dampers. Increased damping options and accurate controller
integration were credited with the double damper's improved
performance. The study sought to confirm the efficacy of the double

damper prototype.

To enhance vehicle ride comfort, fuzzy logic control (FLC) was applied to
a new, cost-effective, semiactive shock absorber by Mokhiamar, O. et al.
[19]. A novel device, replacing the passive shock absorber, features a
traditional hydraulic cylinder with a throttle valve positioned outside the
cylinder between its ports. The proposed model of the semi-active shock
absorber was developed using Simscape/MATLAB. A comparative
analysis was conducted between the proposed semi-active shock absorber
and the magneto-rheological (MR) suspension system. At a quarter of the
price of the MR damper, the results showed that the FLC-controlled shock
absorber performed better than the regular damper. The performance of
the FLC at higher speeds (20, 30, 40 km/hr) shows notable enhancements
in ride comfort and reduced overshoot compared to other suspension
systems, at 20 km/h, the advised damper with FLC lowers overshoot by
60% when compared to the standard damper, 50% when compared to the
MR damper. At 30 km/h, the overshoot was reduced by 50%. In contrast,
the decrease was 30% at 40 km/h. The settling time of the FLC-controlled
suspension system was notably lower. In addition, the valve's
displacement frequency and amplitude increased with vehicle speed at a
mean frequency of 40 Hz (25 millisecond response time). The system

dynamically adjusts damping as vehicle speed changes, with the valve
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stem movement reflecting compatible response times for effective control

strategies.

Unnithan, A. R. R., & Subramaniam, S. [20] have developed a semi-active
stability augmentation system (S-SAS). Controlled damping of suspension
systems is achieved through the use of electrohydraulic (EH) dampers of
the semi-active type. The algorithm is implemented in hardware based on
microcontrollers, and its functionality is evaluated in outdoor settings
under irregular road conditions at varying speeds. The fuzzy S-SAS (FS-
SAS) is compared with passive suspension and normal S-SAS for various
road inputs. Outdoor test results on a bumpy road at 5 km/h speed show a
decrease in the heave acceleration and roll rate of 53.85% and 51.23%,
respectively, compared to passive suspension. Simulation and
experimental findings demonstrate that FS-SAS can provide improved
road-holding, roll stability, ride comfort, and prevent untripped vehicle

rollovers.

Zhang, B. et al [21] presented a paper that suggested an adaptive variable
domain fuzzy PID control approach for a semi-active suspension.
Additionally, a simulation model of the semi-active suspension was
developed using bench testing of shock absorbers. By comparing the new
approach to other control systems, it was shown to be more effective in
lowering the maximum values of suspension dynamic deflection, vehicle
body acceleration, and car body dynamic load under random road
stimulation, specifically, peak values for suspension dynamic deflection,
vehicle body acceleration, and car body dynamic load were decreased by
49.6%, 50%, and 50%, respectively, at 120 km/h using the adaptive
variable domain fuzzy PID control. With a semi-active suspension that
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uses CDC shock absorbers, this optimized design approach provides

passengers with a more comfortable ride.

A paper about semi-active suspension systems was presented by
Mohamad Haniff Bin Zamahsari, M. H. [22]. Systems provide a useful
way to improve the ride quality of vehicles and are known for using less
energy than active systems. Researchers are simulating a semi-active
suspension system using Simulink and MATLAB based on the equation
of motion. By adjusting many factors, the main goal of this simulation is
to maximize vehicle performance on various road surfaces. A fuzzy logic
controller is incorporated into the simulation framework. Starting with a
basic quarter model and working its way up to a more complex half
model. The study concluded that semi-active suspension systems
significantly enhance ride comfort by reducing vehicle body acceleration
by 23.93% compared to passive systems, making them a favorable choice

for vehicle suspension enhancement.

2.2.4 Active Damper Studies
Ebrahimi [23] presented hybrid electromagnetic dampers integrated into
automobile suspension systems. This investigation suggests two hybrid
damper concepts—one employing hydraulic damping for passive control
and the other utilizing eddy current damping effects to enhance
effectiveness.  Analytical modeling, numerical simulations, and
experimental analyses on fabricated prototypes, including eddy current
and electromagnetic dampers, are conducted to validate theoretical models
and ensure the practicability of the proposed hybrid dampers. The study

concluded that the suggested hybrid dampers maintain the benefits of
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active damping performance while using 74% less power and about 55%

less weight as compared with the active electromagnetic damper.

Mustafa, G. I. et al [24] examined a half-car model with an active
suspension system controlled by a model-free adaptive fuzzy logic
controller (MFAFLC) studied for three road profiles ( classic bump road
profile, sinusoidal road profile, and the random road profile), resulting in
enhancing vehicle road handling, safety, and passenger(s) comfort. When
compared to the passive system, the MFAFLC reduces the vertical body
acceleration overshoot value by 61.1%, while PID and iPID reach 54.23%
and 33.15%, respectively. When compared to the other controllers, it can
be observed that the suggested controller's amplitude of the body's vertical
and angular accelerations decreases far faster, guaranteeing much greater

ride comfort.

Hamza, A., & Ben Yahia, N. [25] Discussed throughout this paper the
significance of creating an artificial neural network-based intelligent
control strategy for active truck suspensions. He developed a hydraulic
model for active suspension control for trucks using an artificial neural
network after obtaining a mathematical model for active suspension
systems. The MATLAB Toolbox was used to create the model, and its
data were calculated and verified using information gathered from vehicle
tests in other research projects. When compared to an existing passive
suspension, the findings demonstrate the ANN controller's notable
advantages. In the B, C, and D road profile classes, the controller ANN
implementation lowers the vehicle body acceleration levels by 59.5%,
75%, and 82.5%, respectively.
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Rodriguez-Guevara, D. et al [26] presented a paper related to an active
suspension system equipped with electro-hydraulic actuators controlled by
a Model Predictive Control-Linear Quadratic Regulator (MPC-LQR). The
suggested MPC-LQR-LPV strategy outperforms the other control
strategies regarding ride comfort. Its RMS values are reduced by 72% and
54% in chassis and pitch acceleration, respectively, and its attenuation in
peak values improves by 71% for chassis acceleration and 64% for pitch
acceleration compared to the H2 controller. In addition, road-holding is
maintained in both front and rear suspension units with lower peak values
for the front and rear strokes, with the front stroke peak value reduced by
23% compared to the H2 controller method while keeping the RMS

values for the front and rear strokes comparable.

Nguyen, D. N., & Nguyen, T. A. [27] examined and evaluated the models
and control algorithms used in heavy-duty cars' active suspension
systems. The study explored three popular dynamic models that are used
to simulate vehicle oscillations: the completely dynamic model, the half-
dynamic model, and the quarter-dynamic model. The importance of
choosing the right control algorithm for the suspension system was
highlighted. It is discovered that linear models correspond well with
algorithms like LQR (linear quadratic regulator) and PID (proportional-
integral-derivative), but nonlinear models do better with algorithms like
ANN (artificial neural network), fuzzy logic, and SMC (sliding mode
control). The findings ensure that vehicle oscillation control could be

greatly improved by using an active suspension system.
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2.2.5 Electromagnetic Damper (EMD) Study
Montazeri-Gh, M., & Kavianipour, O. [28] investigated an
electromagnetic damper (EMD), which is made up of a nut, a ball screw,
and a permanent-magnet DC motor, regarded as a passive damper. Then,
it was tested to have good features that lead to comfort, safety, and stable
riding. After that, it is examined how a spring placed in series with the
EMD affects its performance. In the modified passive electromagnetic
suspension system (PEMSS), to study energy regeneration, nonlinear
equations are obtained. According to the simulation results, the designed
passive EMD can regenerate and convert vibration energy from road
stimulation into electric energy while maintaining the intended

performance.

2.2.6 Electrically Interconnected Suspension System (EIS) Study
Liao, Y., et al [29] focused on an Electrically Interconnected Suspension
(EIS) system. This novel method separates roll and heave motions through
Electrical Networks (EN) and Direct Current (DC) motors, enabling
independent vibration control via EN resistance modifications. To
improve semi-active vibration control performance, a new closed-loop
Current Control Unit (CCU) was developed to precisely modify EN
resistance. The potential of EIS technology to increase ride comfort was
highlighted by experimental validation on a half-car test rig, which
demonstrated notable improvements in vibration control over
conventional passive systems. The EIS with CCU significantly reduces
vertical acceleration by 28.2% and angular acceleration by 34.9% when

compared to passive systems in a series bump test.
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2.2.7 Mechatronic Three-Setting Switchable Damper (SD) Study
Soliman, A. M. et al [30] submitted a paper compares the ride comfort of
a mechatronic three-setting switchable damper (SD), which is chosen due
to its cost-effectiveness when compared to active suspension and semi-
active (SA) systems, and active suspensions, using fuzzy logic control
(FLC) and linear quadratic regulators (LQR). For this investigation, a
half-car model with four degrees of freedom is used. These systems
incorporate a switchable inerter (SI) to examine its impact on ride quality.
The ideal passive suspension characteristics are assessed. The fuzzy
control method improves riding comfort, according to the results, greater
than the LQR by up to 6.9% and 14%, for three-setting SD and active
suspension systems, respectively. When compared to the same system
without SI, the SD or active suspension systems with Sl that use the fuzzy
control technique provide a superior ride. Additionally, adding the Sl

enhances the vehicle's road holding and ride comfort.

2.2.8 Piezoelectric Actuator Damper Study
Knap, L. et al [31] present and examine a novel design for a vehicle
vibration damper operated by a valve based on a piezoelectric actuator. By
altering the size of the opening through which oil passes between the
damper's chambers, the valve that is being described enables the damper's
damping features to be controlled more quickly than in other systems. The
experimental study's findings of the damper are also provided,
demonstrating that by varying the voltage applied to the piezoelectric

actuator, the damping force may be changed five times in around 10 ms.
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2.2.9 Smart Damper Studies
Ali Al-ghiz’zy et al [7] studied the road profile effect on automobile
vibration for a traditional damper based on a quarter-car model and then
explored the findings after transforming the passive damper to a smart
damper by externally adding control and check valves via hydraulic hoses
to the passive damper to reduce vibrations. The proposed control valve
parameters are optimized to minimize settling time and peak overshoot.
Studying different conditions, the research presented how smart dampers
adjust to control vibrations. The MATLAB Simulink computer program is
used to solve the mathematical model, which saves time and reduces cost.
When compared to a passive damper, the study indicates that the sprung
mass utilizing a smart damper settled in a short amount of time (0.25
seconds). The passive damper settled in a longer time of (2.314) s, as

compared to the first one, the settling time is reduced by 89.19%.

The study presented by Ahmed M.A. & Ahmed A. [32] focused on the
theoretical analysis of the vibration control of an automobile due to
different road irregularities. The analysis was based on the Half-car model
with four degrees of freedom. The proposed smart damper is controlled by
a hydraulic control valve. The values of the valve parts are optimized
based on settling time and peak overshoot. He studied the response of the
sprung mass when excited by step input at the front, rear, or consecutively
at the front and rear wheels. The MATLAB-Simulink program was used
to solve the model. The results show that the smart damper enhanced the
whole dynamic system response compared with the traditional passive
damper. In this study, a simple high-performance mechanical smart

damper is proposed as an alternative option to the traditional damper or
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the complicated active/or MR dampers. An experiment was performed to
evaluate the performance of the proposed smart damper, as well as to

improve the theoretical study done by [33] on the same smart damper.

The work done by Ahmed M.A. & Ahmed A. [32], [33] differs from the
work done by Ali Al-ghiz’zy et al [7] is that the former uses a half-car
model and electronic sensors connected to a computer with Ardunio
program installed to evaluate displacements, while the latter used a
quarter-car model with a roller with paper to measure vibration by a pen

fixed to the quarter-car model’s frame.

Throughout studying the available literature related to the vibration
control of automobiles, it is found that the mechanical smart damper can be
developed, and it is worth studying. The best parameters of the smart
damper will be studied in this work, as well as the effect of the front and rear

sides of the automobile on each other.
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Chapter Three: Mathematical Modeling

3.1 Introduction
This study studies the effect of the smart damper on automobile
motion under road disturbances using a half-automobile model. In this
model, the sprung mass is assumed to move vertically and rotate about an
axis parallel to the wheel axes through its center of gravity. The front and
rear suspension systems each contribute one degree of freedom, while the
sprung mass contributes two degrees of freedom, resulting in a four—
degrees—of-freedom system. The equations of motion for each model are
derived using Newton’s Second Law.
3.2 Half-Automobile Model
The Half-automobile model is more realistic than the quarter-
automobile one because it simulates the automobile more realistically, since
it depends on more degrees of freedom. In this model, the automobile is
assumed to be supported by two suspensions, one in the front and one at the
rear. The sprung mass can be moved vertically (translation) and can rotate
about a horizontal axis passing through the mass center of gravity and
parallel to the wheel's axes. The rotation motion of the sprung mass is
known as pitching. Each of the front and rear suspensions is composed of an
unsprung mass, spring, and damper. The suspension linkage is supported by

the wheel-tire assembly. Figure (3-1) shows a Half-automobile model.
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Figure (3-1): Schematic diagram of Half-automobile model.

The governing equation of the sprung mass for the Half-automobile
model is derived following Newton’s second law of motion. For the Half-
automobile model, the sprung mass can rotate (pitching) and translate
vertically. Therefore, there is an interaction (coupling) between the
rotational motion and the vertical translation motion. The origin of the
coordinates of the sprung mass is chosen at its center of gravity to eliminate
the dynamic coupling and maintain the elastic coupling only [34]. Figure (3-
1) shows a schematic representation of this model, illustrating all the
required coordinates. Referring to figure (3-1) and assuming small motions,

the front and rear displacements of the automobile are given by;
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Yor =Y2— 1,0 (3-1)
Yof =Y.+ L, 0 (3-2)
Where y, is the vertical motion of the sprung mass at its center of gravity,
and 6 = sin © for small angle.
Following Newton’s second law, the equation of motion of the sprung mass

for the vertical motion is [35];
mg Yo = —k1y Var — Y1r) — by Vor — Y1) — kz(ny - )’1f) — b, (5’2;‘ -
Yif)
Rearranging this equation and using equations (3-1) and (3-2), the equation
of motion of the sprung mass in the translational mode is rewritten as;
mgy, +ky (v, —L1© —y1,) + by (YZ - L1e - 5’1r)

+k2(3’2 + 1,0 — )’1f) + bz(y'z + Lzé - 5’1f) =0 (3-3)
The equation of motion which governs the rotational motion of the sprung

mass is also derived by following Newton’s second law by balancing the
moments about the gravity center (CG) as;
Jc 6 — Ly [k1(}’2 —L,0—y,)+ b1(5’2 - L16 - 5’1r)] +

L, [kz(YZ +L; ®—yi1) + b, (5’2 + Lz6 - 5’1f)] =0 (3-4)

Equations (3-3) and (3-4) govern the translational and rotational
motions of the sprung mass coupled with both the front and rear unsprung
masses.

The front and rear unsprung masses can be assumed to move in the
vertical direction only, as shown in Figure (3-1). Both of them lie under two
opposite dynamic forces, which are the force resulting from the motion of
the tires from the lower side and that resulting from the motion of the sprung
mass from the upper side. The balancing of forces acting on the front and

rear unsprung masses results in the following two differential equations;
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My V15 — kz( Yo + L6 — }’1f) - bz(yz + Lze - 5’1f) +

ke(yif = Vrf) + ba(p — Yoy ) =0 (3-5)
My1Vir — k1 (¥, — 110 —y1,) — b1(5’2 — 1,6 — 5’1r) +
k3(3’1r - yrr) + b3(5’1r - )'Irr) =0 (3'6)

Equation (3-5) governs the motion of the front unsprung mass coupled with
both the sprung mass and the front tire motions, while equation (3-5)
governs the motion of the rear one also with the sprung mass and rear tire
motions.

To find the State-Space method matrices, let's assume that:

X1 =Y,
X,=X1=Y,
X3 - e
X4_ - X3 - e
Xs = Yir
Xe = X5 = Y1r
X7 = y1f
Xg = X7 = Y1r
X2 =Y,
X4_ - X3 - e
Xe = X5 = Y1r

(3-7)

—Xs = X7 = J1r

Ordinary differential equations (3-3), (3-4), (3-5), and (3-6) can be
solved by the State-Space method. To do this, the following assumptions are

necessary,
X =AX+BU (3-8)
Y =CX+DU (3-9)

The state-space representation for a half-automobile is:
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[XZ] X3 Yrr
( yrr
+ B Vos
Xe yrf

=
I
S
e

(3-10)

e,
(o))

.
[ee]

X3 yT'T'

_ X4 yTT
y, =C X +D Vrs

Xe er

(3-11)

Where;

A=[A; Ay A3 Ay As As A; Ag] (3-12)
Where :

[ —(ky + kp)/mg T
_ | CkeiLy — koLy) /]
A = ky /s (3-12-a)
ka/my,

[ —(by + by)/my ]
_|(b1Ly — byL3)/].
A, = by /s (3-12-b)
bz/muz
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A3:

T | = (ky + ky) /M

T | = (by + b3)/mu

' o o o

ky/]
—kiLi /My,
koL, /my,

b,L,/my,

b,L,/my;

kq/ms
_lel/]c

0
by /m
_blLl/]c

—(koLy — kqLq)/mg

[ (b1Ly — byLy) /my ]
_ | (B2Ly? + by Ly P) /],

0
ky/mg
koL, /).
0
|— (ko + ky)/my; ]
b, /m

byLa/]c
0

|—(by + by)/my; |

k3

0 0]
my1
0 2= 9
my1
0 2
myo
0 Pa

myo-

0

0

[T 0 0 0 0 0 0 O]
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D = [0] (3-15)

In equation (3-15), the disturbance matrix equals zero because the
output variable y, has no relation with the road input variables (y,,, ¥,
yrr and y.r). By solving the above equations, the half-automobile model
response will be found.

3.3 Hydraulic Control Valves

The hydraulic control valve can be considered the heart of damping
the vibration of the automobile because it controls the flow rate of the
damper hydraulic fluid during the rebound stroke. If the flow rate of the
hydraulic fluid of the damper is controlled, then the required damping factor
and damping coefficient are defined. Because the flow of the hydraulic fluid
depends on the valve area, the motion of the valve nose controls the
hydraulic flow rate. As a result, the damping factor and damping coefficient
values are functions of the motion of the valve nose. The governing equation
of the valve spool (valve moving mass) can be derived according to
Newton’s second law. Depending on the coordinates shown in Figure (3-2)
and Figure (3-3), the force balance on the valve nose gives the valve
equation of motion as[7];

MyYy + byyy + kyy, = F (3-16)
Where Fis the force resulting from the pressure of the damper hydraulic
fluid during the rebound stroke due to the main spring expansion. Equation
(3-16) is used to govern the motion of the valve nose at both the front and
rear sides of the automobile according to the parameters at each side.
Assuming constant viscosity and no leakage of the hydraulic liquid, the flow

rate of the hydraulic liquid leaving the damper during the rebound stroke
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should be equal to that passing through the control valve. This equality of
flow rates is given by ;

Qp =y (3-17)

Equation (3-17) is applicable for the front and rear damper pistons and
control valves.

The flow rate of the hydraulic liquid that leaves the damper during the
rebound stroke equals the net area of the damper piston multiplied by its

velocity, which can be written by the equation:

Qp = ¢ Anet(V2 = ¥ (3-18)
Where;
A, .+, damper piston net area, which is given by the equation;

Aper = (App — Apr) (3-19)

Yv

Figure (3-2): Control valve schematic diagram.
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Figure (3-3): Control valve forces representation.
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Figure (3-4): Proposed control valve cross-sectional area.

Figure (3-5): Three-dimension control valve flow area.
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The hydraulic flow velocity through the control valve is given by [36];

U=20,/A, (3-20)
The valve flow area is given by [37]:
A, =mnD,y, sin < (3-21)

The valve projected area is shown in Figure (3-4), which represents the
perpendicular area on the hydraulic flow rate direction, its derivation is
illustrated in the appendices, and it can be given by the relation[7], page 37;

Ay, = mD,y, tan « (3-22)
The force exerted on the valve nose (moving mass) during the rebound
stroke is composed of two components: the first is due to the pressure of the
hydraulic liquid, and the second is due to the momentum of high-velocity
liquid flow [7]. This can be described by the following form;

F=F,+Fp (3-23)
The momentum force due to the flow of hydraulic liquid is given by the
equation, [38].

F,r = 7Q,U cos x (3-24)
Substituting Equations (3-20) and (3-21) into (3-24) results in the following

equation;

(3-25)

2
Fyp = 7Q,° cos oc/

nD,y, sin X
The pressure of the hydraulic liquid is delivered from the spring force
exerted on the suspension linkages during the rebound stroke at the front
and/or rear sides. Mathematically, it can be written as:

P =k, —y1)/Anet (3-26)
In Equation (3-26), the parameters and variables are related to the front or

rear sides of the Half-car model.
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The valve hydraulic pressure force is given by the relation ;
E,, = PA,, (3-27)
Where:
P; hydraulic pressure due to the main spring force.
Substituting Equations (3-22) and (3-26) in Equation (3-27), the valve

pressure force can be written as;

Fpp =220 1Dy, tan « (3-28)

net

Substituting Equations (3-25) and (3-28) into Equations (3-23), the total

hydraulic force acting on the moving mass of the control valve is given by;

_ k(y2—y1) szcosoc/
F= ﬁanyv tan o« + - ¢V 7D, y, sin o (3-29)
Substituting equation (3-29) into equation (3-16), one gets:
W =
@T[Dvyv tan « _bvyv - kv Yy t+
net
7Q % cos «
0 /anyv sin oc|/ Mv  (3-30)

Equations (3-16) to (3-30) can be used for the front and/or rear sides by
using the corresponding parameters and variables for each side.
3.4 Smart Damper Damping Factor
In general, the damper works as a shock absorber to minimize the
vibration of automobiles, which leads to ride comfort and road handling
when the automobile passes through road disturbances. Increasing road

handling causes less riding comfort, and increasing riding comfort causes
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less road handling. Thus, the damper should satisfy both ride comfort and
road handling instantaneously without magnifying one at the expense of the
other.

The passive damper can withstand a constant damping factor for any road
surface type, despite of the type of road disturbance or its hardness.

In this study, control valves are used, one at the front and the other at the
rear sides of the automobile, to give a suitable damping factor proportional
to the road disturbance. Figures (3-7) and (3-8) show the circuit of the flow
of the hydraulic liquid during the compression and rebound strokes. This can
be satisfied by controlling the flow rate of the hydraulic liquid during the
rebound stroke. The flow rate of the hydraulic liquid through the control
valve depends on the motion of the valve's moving mass. This can be done
for the front and rear sides as shown in the following analysis;

As shown in Figure (3-7), during the compression stroke, the
hydraulic liquid can flow through the check valve without significant
Impedance, while during the rebound stroke, it is restricted by the control
valve.

The force balance in the damper is given by;

(P1 =Py )Apet = b(y2 —¥1) (3-31)
Where:

P, . pressure below the damper piston.

P,; pressure above the damper piston.

The difference between the upper and lower piston pressures and velocities
during the rebound stroke is very high, so they can be represented
mathematically:

P,—P,=P, =P (3-32)

Uy,—U, =U,=U (3-33)
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Where:

U; or 2; hydraulic liquid velocity above or below the damper piston sides,
respectively.

Assuming no pressure losses occurred due to the connected hoses and
fittings, the pressure in the damper during rebound is equal to that in the

control valve pressure, namely, P.
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Figure (3-7): Schematic diagram of smart damper compression stroke.
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damper

Figure (3-8): Schematic diagram of Smart damper rebound stroke.
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From equations (3-20) and (3-21), the control valve hydraulic flow rate will
take the form;

Q, = UnD,y, sin « (3-34)
Applying Bernoulli’s Equation for the top and bottom of the damper piston
levels at the rebound condition, as follows:

2 2
P +70 = p, + 1 (3-35)
Substituting equations (3-31), and (3-32) in equation (3-35) results in the
form below;

p=7" (3-36)

2
After some steps:

U=V (3-37)

The hydraulic pressures at the tip of the control valve mass are equal to the
hydraulic force exerted on the damper net area. The hydraulic force can be
obtained by multiplying the damping coefficient by the velocity difference
for each side of the automobile, mathematically represented by;

P=b(y2 = ¥1)/Anet (3-38)
Sub equation (3-37) into equation (3-38), one gets;

U = \/(Zb(}"z—};ﬂ/l“net) (3-39)
Substituting equation (3-39) into equation (3-34) results in the form below:
Qu = VL2t p y, sin o (3-40)

Referring to equation (3-17) and replacing equation (3-40) with equations
(3-18), the following relation will be obtained:

2b(y2-y1)
net

Cr Anet (Y2 — 1) = ATTEDU:VU sin (3-41)

After squaring both sides of the equation (3-41) and some simplifications,

the following form can be written as:

b= [fcsznet3 (YZ - }"1)]/[2(7'[1)17)’1; sin « )2] (3'42)
Where:

b is the front or rear smart damper damping factor in sequence with the
corresponding parameters and values.
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Chapter Four: Local Optimal Control Valve Solution and
Computer Simulation

4.1 Introduction

In general, control valves are mechanical tools used to adjust the flow
rate and/or pressure to maintain a required flow to carry out a specific
process. In this chapter, the control valve under study is used to control the
flow rate of the hydraulic fluid used in presenting the automobile’s damper.
Control of the hydraulic fluid flow means controlling the damping force,
which is considered the main factor in controlling an automobile’s vibration.
The selection of the best values of the valve elements is known as the
“optimization technique”. The best values of valve elements, which will be
studied here, affect the performance of the valve, which in turn affects the
damping coefficient of the automobile’s damper. This technique is carried
out by using “computer simulation,” in which a computer program is used to
simulate the control valve response to a step input while varying its

parameter values, saving time and costs.

4.2 Optimization Technique

The optimization technique can be defined as the mathematical
procedure used to reach the best solution for a given problem. In this study,
one variable is changed in magnitude with constantly increasing steps,
starting with and ending with feasible values “constraints”, and all other
variables are set constant until the minimum objective function value occurs.
Another variable is selected, and the same procedure is repeated above until
reaching the minimum value of the objective function, and so on for all other

variables. Finally, the values of the variables corresponding to the minimum
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values of the objective functions are selected as an optimal solution for the

given problem. This method is also known as the “Line search method”.

Figure (4-1) illustrates a flow chart for this method.
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guessed value and changed

with all parameters are remain
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Solving the
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!
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Figure (4-1): Line search optimization technique flow chart.
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4.3 Optimization of Control Valve Elements

The equation of motion that describes the dynamics of the control
valve is given by Equation (3-30). One of the methods to find the optimum
valve parameter values is the Simulink included in the MATLAB package.
Figure (4-2) shows a schematic diagram of the Simulink coding. To use the
Simulink, Equation (3-30) should be transformed from the time domain to the
s domain by the Laplace transform, assuming zero initial conditions as;

Let;

k(y2—y1) 7 cos 6Q,*
=—">7D tan 9 + —
f Anet vy Dy Yy, sin O

(4-1)
Taking the Laplace transform of Equation (3-30) and rearranging results in
the following transfer function;

Y(s) 1
F(S)  (mys2+bys +ky)

(4-2)

The right side of Equation (4-2) is represented in the MATLAB Simulink
program as a transfer function block “num(s)/den(s)” with the details shown
in Figure (4-3). Figure (4-2) contains a step input, mathematical action

“num(s)/den(s)”, scope, and simout blocks.
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- \ num(s) \ D
den(s)

—p{ simout

Figure (4-2): Schematic diagram of the MATLAB Simulink program for
finding optimal control valve parameters.

Transfer Fcn

The numerator coefficient can be a vector or matrix expression. The
denominator coefficient must be a vector. The output width equals the
number of rows in the numerator coefficient. You should specify the
coefficients in descending order of powers of s.

Parameters

Numerator coefficients:

| |
Denominator coefficients:

l[mv bv kv] l

Absolute tolerance:

|auto ]

State Name: {e.g., 'position")

@ Cancel Help Apply

Figure (4-3): Transfer function block details for right side for Equation (4-2) in
MATLAB Simulink program.
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The force f in Equation (4-1) is to be calculated assuming initial values listed
in Table (4-1), displacement and velocity difference values as described in
Table (4-2) calculated after running the MATLAB program illustrated in
Figure (6-3) by using values shown in the Table (4-1), the hydraulic flow rate
can be calculated using equations (3-17), (3-18) and automobile linear
velocity v.

Table (4-1): Assumed initial values of control valve parameters according to

experience.
No. parameter Initial value unit
1 Vo 0.001 m
2 D, 0.01 m

Table (4-2): Extracted parameter values from simout, simoutl, simout2, and
simout3 are shown in Figure (6-3).

No. Extracted parameter Value unit Automobile
side
1 Vo — V1 0.063 m Front
2 Vo — V1 2.7333 m/s Front
3 Yo — V1 0.0786 m Rear
4 Y2 — V1 3.54 m/s Rear

From the above parameter values that form Equation (4-1), assuming
hydraulic density (980 kg/m?), damper piston net area 4,,.; (7 X 10™*m?)
and the coefficient of discharge ¢, (0.62) [7], the force f is calculated for the
front and rear automobile sides as shown below;

For the front automobile side:
fr=42.4tan6 + 48.24 cot 0 (4-3)

For the rear automobile side:
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fr = 59.968tan 6 + 80.929 cot 0 (4-4)
4.3.1 Optimization of Rear Control Valve Nose Angle

The best angle of the control valve nose is calculated such that the
force acting on the valve nose is minimum for the required flow rate of the
hydraulic oil through the control valve. The required flow rate is estimated
by Equations (3-17) and (3-18). The force exerted on the rear valve nose is
calculated from Equation (4-4). By changing the value of the angle 8 for the
range, 10°-80° gives the results shown in Figure (4-4). From this figure, the
best nose angle of the rear control valve can be selected when the minimum
force (f) is achieved (139.38 N), which is found to be 50 .

450 \ /
400

350 \

W) /

Rear valve force (N)

/

250 \ /
200

AN S

‘-"M
)

10 20 30 40 50 60 70 80

Rear valve angle (degree)

Figure (4-4): Rear valve force is minimum at valve angle equals 50 degrees.
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4.3.2 Optimization of the Rear Control Valve Orifice Diameter

As for the angle of the control valve nose, the best diameter of the
valve orifice is calculated such that the force acting on the valve nose is
minimum for the required flow rate of the hydraulic oil through the control
valve. Also, the required flow rate is estimated by Equations (3-17) and (3-
18) with hydraulic density p = 980 kg/m3, damper piston area A4, = 7 X
10~*m?, coefficient of discharge c; = 0.62) [7]. The nose angle is taken
as the best value obtained in section 4.2.1, which is 50 . The force exerted on
the rear valve nose is calculated from Equation (4-1) and is simplified to the
following form after using the above values;

0.679

f =7146.769D, + >

(4-5)

Changing the orifice diameter, D,, For the range 5 to 30 mm, the relation
between the force, f, and D,, It was found that the best value of the rear valve
orifice is 10 mm, corresponding to the lowest force (139.38 N).

4.3.3 Optimization of Rear Control Valve Moving Mass

The value of the valve moving mass is affected by three criteria, which
are the settling time, peak overshoot, and the steady state displacement of the
mass. When studying the effect of any one of the three criteria, the other two
are taken as constant at a certain value. If the settling time is taken as the
affecting criterion, the best value of the valve moving mass can be evaluated
by starting with the initial guessed value, which is set at 0.1 grams in this
study, and calculating the settling time. The valve moving mass is increased
by steps from 0.05, 0.25, 0.5, 3, 5, and 10 grams, and the settling time is
recalculated for each mass value. The relation between the value of the
moving mass and the settling time is presented in Figure (4-5). The best value
of the valve moving mass is selected when the settling time is minimal, and
can be applicable for Manufacturing processes and durability. Therefore, the
lowest value (0.15 to less than 2) grams, as shown in Figure (4-6) was not
suitable. The results are based on a hydraulic oil pressure of 19 bar: (this
pressure is obtained from the rear damper force, which equals the
multiplication of rear damper stiffness 17000 N/m [41] by its displacement
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0.0786 m (from Table (6-3), divided by the damper net area 7e™* m?[7].
From Figure (4-5), the best value for the valve moving mass, according to the
settling time, is 2 grams.

When the peak overshoot is taken as the affecting criterion, the value
of the moving mass is also started with an initial guessed value, such as 2
grams, and determining the peak overshoot. The initial guessed value is
increased by steps, and the overshoot is calculated for each step. The relation
between the valve moving mass and the peak overshoot is shown in Figure
(4-7). From this figure, it is found that 2 grams is the best according to the
peak overshoot criterion.

The same procedure is used for the settling time, and the peak
overshoot is repeated for the steady-state displacement criterion. The result of
this relation is shown in Figure (4-8). It shows that 2 grams of the valve
moving mass is related to the minimum peak overshoot, which represents the
best value of the valve moving mass.
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Figure (4-5): Effect of valve moving mass (0.1-100) grams on settling time, p=19 bar.
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Figure (4-6): Effect of valve moving mass (0.1-2.5) grams on settling time, p=19 bar.
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Figure (4-7): Effect of valve moving mass on peak overshoot, p=19 bar.
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Figure (4-8): Effect of valve moving mass on the steady-state displacement of the
moving mass, p=19 bar.
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4.3.4 Optimization of Rear Control Valve Damping Factor

The damping factor depends on three criteria, such as valve moving
mass, settling time, peak overshoot, and steady-state displacement. To
investigate the variation of the settling time with the damping factor, it
started from the guessed value for the damping factor as 0.25N.s/m. The
damping factor varies from 0.25 N.s/m to 10 N.s/m with a step of (0.25, 0.5,
and 1) N.s/m as presented in Figure (4-9). This figure shows that the best
value of the damping factor is 1.5 N. s/m.

The dependence of the valve damping factor on the peak overshoot criterion
Is given in Figure (4-10) for the same above range, from 0.25 N.s/m to 10
N.s/m in (0.25, 0.5, and 1) N.s/m step increasing value. The best value of the
moving mass that is taken from Figure (4-5) is used to calculate the results of
this figure. The best value of the valve damping factor is taken when
satisfying the minimum overshoot, which is found to be 10 N.s/m, as shown
in this figure.

The variation of the peak overshoot of the valve moving mass displacement
is presented in Figure (4-11) for the damping factor range also from 0.25
N.s/m to 10 N.s/m in (0.25, 0.5, and 1) N.s/m steps. The trend of this figure
shows that the mass displacement is still at the same value of 13.94 cm for all
the peak overshoot value ranges; therefore, 1.5 N.s/m can be selected as the
best value of this factor according to the settling time criterion.
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Figure (4-9): Effect of valve damping factor on the settling time of the moving
mass, p=19 bar, m,=2 g.
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Figure (4-10): Effect of valve damping factor on peak overshoot, p=19 bar, m,=2 g.
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Figure (4-11): Effect of valve damping factor on the steady-state displacement

of the moving mass, p=19 bar, m,=2 g.

4.3.5 Optimization of Rear Control Valve Spring Stiffness

Optimizing control spring stiffness is crucial for enhancing the
performance of control valves in control applications. This section aims to
explore how adjusting spring stiffness can improve valve dynamics and
overall control efficiency, addressing key challenges in fluid control systems
[7]. Also, the three criteria, settling time, peak overshoot & steady state
displacement of the valve moving mass, are followed here to adjust the value
of the spring stiffness. This can be done by fixing the valve moving mass at 2
g and its damping factor at 1.5 N.s/m, which is taken from Figures (4-5) and
(4-8), respectively, then varying the spring stiffness from 1000-10000 N/m in
1000 N/m steps. The results of this criterion are illustrated in Figure (4-2).
The relation between the settling time and spring stiffness is given in Figure
(4-12). From this figure, one can adjust the spring stiffness to 4000 N/m.

The other criterion that is dependent here is the peak overshoot. The effect of
this criterion on the spring stiffness is determined by varying the spring
stiffness and calculating the peak overshoot for each stiffness value. The
results of this criterion are presented in Figure (4-13) for the range from 1000
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N/m to 10000 N/m. The results presented in this figure show that the spring
stiffness can be adjusted to 1000 N/m.

The variation of the steady state displacement of the valve moving part with
the spring stiffness is shown in Figure (4-14) for a stiffness range the same as
that taken in the above two criteria. From this figure, one can adjust the value
of spring stiffness to 10000 N/m.
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Figure (4-12): Variation of settling time as a function of the valve spring stiffness, p=19
bar, m,=2 g, damping=1.5 N.s/m.
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Figure (4-13): Variation of peak overshoot as a function of the valve spring stiffness,
p=19 bar, m,=2 g, damping=1.5 N.s/m.
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Figure (4-14): Variation of valve steady state displacement as a function of the valve

spring stiffness, p=19 bar, m,=2 g, damping=1.5 N.s/m.

4.3.6 Overall Optimal Values of Rear Control Valve Parameters
The final values of the control valve parameters are evaluated by taking into
account the effect of each parameter on the others, according to the three
criteria, which are the settling time, peak overshoot, and the steady state of
the displacement of the valve moving mass. The final values of the control
valve parameters are calculated by repeating the process given in subsections
(4.2.3,4.2.4, 4.2.5) many times (iterations). The values of the parameters that
cause convergence are dependent on the final values. The final values are

listed in Table (4-3).
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4.4 Response of the Rear Control Valve

The optimal values of control valve parameters can be set in Table (4-

3) as:

Table (4-3): Optimal rear control valve parameters.

moving mass spring spring mass angle Orifice
(Kg) damping stiffness (degree) diameter (m)
factor (N/m)
(N.s/m)
0.002 8 13000 50 0.01

These values listed in Table (4-4) are used to calculate the response of the

valve moving mass (valve nose) by using the MATLAB Simulink program

shown in Figure (4-2). The response results of the valve nose are shown in

Figure (4-15). Figure (4-15) shows that the settling time is 1.6 milliseconds,

and the steady-state response is 1.07 cm.

Time Series Plot:
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Figure (4-15): Optimal rear control valve response.
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4.5 Optimization of the front control valve parameters

The same procedure used for evaluating the best values of the parameters

of the rear control valve is used for the front one. The final dependent

values of the front control valve parameters are listed in Table (4-4).

Table (4-5): optimal front control valve parameters.

moving mass spring spring mass angle Orifice
(Kg) damping stiffness (degree) diameter (m)
factor (N/m)
(N.s/m)
0.002 7 9000 45 0.01

These values listed in Table (4-6) are used to calculate the response of the

valve moving mass (valve nose) by using the MATLAB Simulink program

shown in Figure (4-2). The response results of the valve nose are shown in

Figure (4-16):

0.016

Time Series Plot:

0.014
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Figure (4-16): Optimal front control valve response.
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From Figure (4-16), it is shown that the settling time is 2.3 milliseconds and
the steady-state response is 1.55 cm.
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Chapter Five: Experimental Work

5.1 Introduction
An experimental rig is manufactured to improve the theoretical results

related to both the traditional passive damper and the proposed smart
damper. The road profile is modelled by an artificial bump tightened to a
belt that moves under the tires of the half-automobile model. The bump
represents an impulse excitation of 6 cm in height and 34 cm in length, with
rounded ends to be close to a half sine wave. The moving belt is driven by
an AC electric motor of variable speed through pulleys. The displacement of
the sprung mass is measured by an ultrasonic sensor type US-100 connected
to an Arduino UNO connected by jumper wires. The measured values are
saved by the computer. The parts of the suspension system are for the Saipa

automobile model 2011.

5.2 Testing Rig

The testing rig, as shown in Figures (5-1) and (5-3), consists of the
following parts;
1. The main frame is constructed from a rectangular cross-sectional area of
8.9 cm by 3.8 cm in dimensions, an iron c-channel of 10 cm by 3.8 cm,
and four iron 90-degree angled channels of 3.8 cm by 3.8 cm to allow
vertical and rotational movement only for the sprung mass.
Sprung mass constructed from steel of 200 kg.
Suspension linkages
AC Electrical motor.
Pullies.
Three shafts.
Flat belt of 10 cm in width and 5 m in length.

N o oA W N
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and a chain to transmit motion.

8. Two Mac Pherson suspensions and flanges.

9. Two wheels with two R13 165/65 tires fitted.

10. Two-passive damper with two coil springs.

11. Two displacement measurement devices come with a breadboard, UNO,
USB cable for computer connection, jumper wires, and an ultrasound

sensor as shown in Figure (5-4).

=nae

measuring device.
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sprung mass

rear coil spring rear damper

rear tyre front coil spring

front damper

front tyre

pullies

impules

{ o, P Q

electric motor —qjiers conveying belt

Figure (5-2): Schematic diagram of the experimental work parts.

Figure (5-3): The rig assembly declears the bump.
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Figure (5-4): Displacement measuring device

5.2.1 Steps of the experiments
The experimental work is performed through the following steps.;
1-Utilizing the displacement-measuring device in the middle of the
sprung mass, as shown in Figure (5-1), to measure the response of the
sprung mass centre using passive or smart dampers. The displacement
measuring device is connected to a PC for saving and plotting results.
2-Starting the AC motor for 1.5 seconds is controlled by using a timer
and a contactor.
3-Repeat step 2 for the passive damper, smart damper, excitation at
front tire, excitation at rear tire, and excitation at both front and rear

tires, respectively.
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4-Registering the data collected by the Excel program, saving it on the

computer or an external storage unit, and plotting the results.

5.3 Smart Damper Construction

Each of the smart dampers, as shown in Figure (5-5), has two
openings in the upper and lower sides, a hydraulic control valve, as
illustrated in Figure (5-6), a non-return check valve, hydraulic hoses, and
closed piston orifices. Figure (5-7) illustrates the two smart dampers

installed in a test rig.

Upper opening

Lower opening

Figure (5-5): Two dampers with openings faces the top and bottom of the
internal damper piston
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Figure (5-6): Hydraulic Control valves parts.

Figure (5-7): Half-automobile test rig with two smart dampers installed.
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5.4 Testing Rig Parameter Values.
The test rig parameters were obtained as follows:

* The coil spring stiffness was tested by an SM1000 universal testing
device, shown in Figure (5-8). The SM1000 universal testing machine
Is a hydraulic press coupled to a manual or electrical hydraulic pump
with load and displacement gauges. It was found that the coil spring
had a stiffness of 50 kKN/m. Figure (5-9) illustrates the coil spring
change in length due to the applied forces by the SM1000 universal
testing machine.

* The passive damper was tested by the half-automobile test rig. The
damper damping constant was found to be 1814 N.s/m by plotting the
results for the passive case. This empirical value is discussed in
Chapter 6, Section 6.2.2.

» The stiffness of the tire is measured by applying a load to the tire in
the test rig several times and taking the average value. The tire
stiffness is found by dividing the loading force by the vertical
deformation, using the average values. It is found to be 151500
N/m.The tire air pressure was 35 PSI at 24 °C.

» The tire damping constant is assumed to be 1400 N.s/m; this number
Is considered from a similar research, Reference [39].

» The weight scale measured the sprung and unsprung masses' weights
as 200 kilograms and 19 kilograms in sequence.

» The sprung mass, mass moment of inertia, was found to be
26.042 kg. m? for a sprung mass of 200 Kg and a length of 1.25 m by
the following relation below[40] :

_ mx1?

]c ~ 12 (5'1)

Where: J. ; the sprung mass, mass moment of inertia, rotating around
a horizontal axis passing through its center,

m ; the mass of the rectangular plate, and [; the length of the plate.
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Figure (5-9): Applied forces by the Universal testing machine SM1000
against coil spring change of length.
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5.5 Calibration of the Ultrasound US-100 Sensor

The ultrasound US-100 sensor is calibrated using a Vernier of 15 cm full
range, as shown in Figure (5-10). Figure (5-10) explains the calibration
process by comparing the distance measured by an electronic screen
Vernier with the distance obtained from the US-100 ultrasound sensor. It is
found that the percentage error for the front and rear sensors equals 0.953

% .

—m

B

Figure (5-10): US-100 ultrasonic sensor calibration by a vernier and rigid
Obstical (white box).

5.6 Calibration of SF-400 Scale

The suggested control valve conical mass of 2 grams was measured
using the scale (balance) SF-400. The calibration process was carried out by
comparing the scale weight measurement for standard weights with its
results. This process is shown in Figure (5-11), where the scale registers 596
grams when 600 grams are placed on it, and all standard weights are
measured. It was discovered that the average measuring error percentage
was 0.37585%. Figure (5-12) illustrates the SF-400 Scale data against the

standard weights.
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Figure (5-11): SF-400 scale calibration by using different standard weights.
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Figure (5-12): Standard weights against SF-400 scale readings in grams.
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5.7 Stiffness of the Spring of the Hydraulic Control Valve

In Chapter 4, it is found that the optimal spring stiffness for the front
and rear control valves is 13000 N/m and 9000 N/m, respectively. The
stiffness of each of the springs is tested by a heavy-duty bench vise to record
the force-displacement values using an SF-400 scale. This procedure is
repeated three times for various applied forces. Figure (5-13) illustrates this

procedure.

Figure (5-13): Measuring the stiffness of the Control valve spring.
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Chapter Six:  Results and Discussion
6.1 Introduction

This chapter presents the results of both the theoretical work discussed
in chapters three and four and the experimental part presented in chapter
five. The theoretical results are determined by solving the mathematical
relations of the control valve and those related to the half-automobile model
using the Simulink package. Both the theoretical and experimental results
include the passive damper and the suggested smart damper to show the
difference in performance between the two types of dampers. The results
related to the suggested smart damper are based on the control valve's
parameters, which are taken according to the optimal values examined in
Chapter 4. The step and impulse inputs are used as standard inputs to assess
how well the suspension system isolates the sprung mass from road
excitations.
6.2 Results and Discussion

The theoretical response of the sprung mass to a step input at the front
tire is shown in Figure (6.1) for both the passive and the smart dampers of
the Half-automobile model. The results given in this figure are based on the
data given in Table (6-1) shown in Figure (6.1). The MATLAB Simulink
construction is illustrated in Figures (6-2) and (6-3). The results of Figure (6-
1) are due to the effect of a 0.1 m step input excitation on the front side of a
half-automobile model. The response of the sprung mass damped by passive
dampers approaches rest at about 2.6323 s, while the sprung mass damped
by the smart damper approaches rest after 1.7539 s. The settling time in the
case of the smart damper is reduced by about 67% of that related to the
passive one. This behavior is because the damping of the passive one is

constant, while the damping of the smart one is non-constant but is
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controlled by the control valve. The damping of the suggested smart damper
Is proportional to the speed of the wheel rebound, as well as the other
parameters of the control valve. The main difference between Figures (6-2)
and (6-3) is that Figure (6-2) solves the response of the sprung mass damped
by the traditional passive damper, while Figure (6-3) treats the same

problem when the sprung mass is damped by the suggested smart damper.
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Figure (6-1): Sprung mass center theretical response (passive & smart damper case) due
to step impulse input excitation at the front tire.
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Figure (6-2): Simulink program for the passive damper case Half-automobile model.
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Table (6-1): Passive suspension system data [41].

Parameter Value Unit

a 1.5 m
b 1.8 m
bs 1000 N.s/m
b, 1000 N.s/m
b, 500 N.s/m
b, 500 N.s/m
H 0.297 S

/. 1000 kg.m?
ky 17000 N/m
k, 15000 N/m
ks 220000 N/m
k., 220000 N/m
mg 500 Kg

myq 50 Kg

myo 50 Kg
Vv 11.111 m/s

Figure (6-4) shows the theoretical response of the sprung mass center in the
case of using a passive damper when the impulse excitation is supplied by
the front tire at different excitation speeds, in which the excitation duration
takes 0.103 s, 0.037 s, 0.0143 s, and 0.0102 s. Figure (6-5) reflects Figure
(6-4) when the model is excited at both the front and rear tires with the same
speeds of excitation used in Figure (6-4). Both Figures (6-4) and (6-5) show
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that the amplitude of the response of the sprung mass decreased with
increasing speed of excitation (decreasing the period of excitation). This
behavior is attributed to the control forces in the system. When the duration
of the excitation is large (soft impulse), the force of the suspension spring is
the control one because the acceleration of the sprung mass is low, which
induces a low inertia force by the sprung mass, and the compression of the
spring is low. When the time of excitation is low (hard impulse), the control
force is the inertia one because the acceleration of the sprung mass is high,
which causes high compression to the spring of the suspension system.

Figures (6-6) and (6-7) deal with the same input excitations related to
Figures (6-4) and (6-5), respectively, but for the case of using the smart
damper instead of the traditional passive damper. The same trend shown in
Figures (6-4) and (6-5) is repeated in these two figures, but the settling time
Is reduced by about 65% compared to the passive damper. Also, the same
elaboration for the effect of time duration can depend on.
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Sprung mass center response (Im)
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Figure (6-4): Sprung mass center passive theoretical response for different velocities,
due to impulse excitation at front tire of 0.34 m in lenght and 0.06 m in
amplitude, the excitation takes 0.103 s, 0.037 s, 0.0143 s, 0.0102 s

duration in sequense.
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Figure (6-5): Sprung mass center passive theoretical response for different velocities,
due to two impulse excitation at front and rear tires respectivelly of 0.34
m in length and 0.06 m in amplitude, the excitation takes 0.103 s, 0.037
s, 0.0143 s, 0.0102 s duration in sequense.
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Figure (6-6): Theoretical response of sprung mass center to impulse input at front tire
using smart damper, using different velocities. The impulse is of 0.34 m
in lenght and 0.06 m in amplitude, the excitation takes 0.103 s, 0.037 s,
0.0143 s, 0.0102 s duration in sequense.
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Figure (6-7): Sprung mass center smart theoretical response for different velocities,
due to two impulse excitation at front and rear tires respectivelly of
0.34 min lenght and 0.06 m in amplitude, the excitation takes 0.103 s,
0.037s,0.0143 s, 0.0102 s duration in sequense.

6.2.1 Matlab-Simulink Program Structure

The Matlab-Simulink program illustrated in Figures (6-2) and (6-3)
used in this chapter is constructed from a function, scope, mux, step input
source, integral, constant, display, derivative, delay, and simout blocks.
These blocks stand for a mathematical operation that simulates the real
response of each part of the targeted model. Scope blocks are frequently
used to monitor changes every time the program runs with different
parameter values while approaching acceptable results. The transport delay
block in each figure was to give a delay time for the rear tire excitation from
the front one, according to the belt speed and obstacle bump width described

in Chapter 5.
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6.2.2 Determination of the damping constant

The rate at which a system loses energy over time is described by the
damping constant. This constant is commonly represented by the letter "c".
System stability is accelerated by a greater damping constant, which denotes
a faster oscillation decay. Plotting the experimental oscillatory motion for
the passive case, the data was collected from the US-100 ultrasonic front
sensor, as demonstrated in Chapter 5, and measuring the amplitude of the
first and second peaks, x; and x,. As seen in Figure (6-8), the damping
constant may then be empirically estimated using the formulae (6-1) to (6-
4)[42] given below.
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Figure (6-8): Experimental response of sprung mass at front side due to impulse
excitation at front tire of 0.34 m in lenght and 0.06 m in amplitude at
a speed of 1.6 m/s, the excitation takes 0.2125 s duration, with two
first peaks measured for the passive response.
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§ = n% (6-1)
¢= \/(62-{5-4112) (6-2)
Cer = 2V (k X m) (6-3)
wc= 20 (k xm) (6-4)

After substituting the corresponding experimental values, x;; 0.065 m, x,;
0.004 m, k; 50000 N/m and m; 100 kg because each tire is located at the
same distance from the experimentally half-automobile model center, in the
above equations, the damping constant was found to be equal to 1814
N.s/m.
6.2.3 Experimental Results

The experimental results are based on the parameters given in Table
(6-2) which are measured, calculated, or taken from references.
The experimental results are performed using the manufactured apparatus
using a passive damper or a smart one. The apparatus, as shown in chapter
five, is constructed as a Half-automobile model. The experimental response
of the sprung mass center due to an impulse excitation at the front tire
having 0.34 m in length and 0.06 m in amplitude at a speed of 1.6 m/s, and
0.2125 seconds duration is shown in Figure (6-9). From this figure, it is
found that for the passive pamper, the settling time was 1.3 seconds, while
for the smart one it was 0.455 seconds. The suggested damper reduces the
settling time by about 65% compared to the traditional passive damper. The
reduction in the settling time that is related to the smart damper is attributed

to the control valve, which gives a non-constant damping. This result leads
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to the conclusion that the suggested smart damper gives more riding comfort
and automobile stability.

Figure (6-10) illustrates the response of the sprung mass center excited by
the front and rear tires, respectively, in which the duration time of excitation
Is 0.2125 s at each tire. The data of this figure shows that the total settling
time of the sprung mass due to the two excitations was 2 seconds for the
case of passive damper, while for the case of smart one, there are two
periods of settling time, the first related to the excitation at the front tire
which takes 0.2125 seconds. The second settling time is due to the excitation
at the rear tire (which takes 0.78 seconds after the front tire). The total
settling time of the sprung mass due to the two excitations takes 1.25
seconds. From this figure, it was found that the suggested smart damper
reduces the total settling time due to the excitations at both the front and rear
tires was found to be 37%.

In Figure (6-11), the experimental response of the sprung mass at the front
side due to impulse excitation at the front tire of 0.34 m in length and 0.06 m
in amplitude at a speed of 1.6 m/s. The period of this excitation is 0.2125 s.
The time required for the front side of the automobile to settle out takes 1
second when using the passive damper, while it takes 0.35 seconds in the
case of using the smart damper. This result shows that the settling time is
reduced by about 65% when using the smart damper compared to that of the
passive damper for the response of the sprung mass at its front side when
excited by the front tire.

The experimental response of the sprung mass at its front side to excitation
by both the front and rear tires consecutively is presented in Figure (6-12).

The settling time for the case of a passive damper takes 2 seconds to settle
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out, while it takes 1.1 seconds to settle out totally. The smart damper caused
a 55% reduction in settling time.

Figures (6-13) and (6-14) show the response of the sprung mass at its rear
side when the automobile is excited by an impulse caused by the front and
rear tires, respectively. Both of these figures show a clear reduction in
settling in the case of using the smart damper compared to that when using

the traditional passive damper.

Table (6-2): Experimental and assumed parameter values for the test rig.

Parameter Value Unit
a 0.625 m
b 0.625 m
bs 1400 N.s/m
b, 1400 N.s/m
b, 1814 N.s/m
b, 1814 N.s/m
H 0.7813 S
/e 26.042 kg.m?
k4 50000 N/m
k, 50000 N/m
ks 151000 N/m
ky 151000 N/m
mg 200 Kg
myq 19 Kg
myo 19 Kg
v 1.6 m/s
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Figure (6-9): Experimental response of sprung mass at the center due to impulse
excitation at front tire of 0.34 m in lenght and 0.06 m in amplitude at a
speed of 1.6 m/s,the excitation takes 0.2125 s duration.
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Figure (6-10): Experimental response of sprung mass at the center due to two impulse
excitation at front and rear tires respectivelly of 0.34 m in lenght and 0.06
m in amplitude at a speed of 1.6 m/s, the excitation takes 0.2125 s
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Figure (6-11): Experimental response of sprung mass at front side due to impulse
excitation at front tire of 0.34 m in lenght and 0.06 m in amplitude at a
speed of 1.6 m/s.the excitationtakes 0.2125 s duration.
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Figure (6-12): Experimental response of sprung mass at front side due to two impulse
excitations at front & rear tires respectively of 0.34 m in lenght and 0.06
m in amplitude at a speed of 1.6 m/s. The excitation takes 0.2125 s
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Figure (6-13): Experimental response of sprung mass at rear side due to impulse
excitation at front tire of 0.34 m in lenght and 0.06 m in amplitude at
aspeed of 1.6 m/s. The excitation takes 0.2125 s duration.
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Figure (6-14): ): Experimental response of sprung mass at rear side due to two
impulse excitationsat front & rear tires respectively of 0.34 min
lenght and 0.06 m in amplitude at a speed of 1.6 m/s. The excitation
takes 0.2125 s duration.
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Figures (6-15) and (6-16) are plotted to investigate the difference
between the theoretical and experimental response of the half-automobile
model at the sprung mass center for passive and smart dampers. The results
are due to sine excitation applied at the front tire of 0.34 m in length and
0.06 m in amplitude at a speed of 1.6 m/s, the excitation takes a 0.2125 s
duration. For the passive damper, the percentage error for the settling time is
37%, and for the smart damper is 33%. These figures show that the settling
time is reduced by 65% when using the proposed smart damper compared to

that for the traditional passive one.
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Figure (6-15): Experimental and theoretical comparision for sprung mass center
passive response due to impulse excitation at front tire of 0.34 min
lenght and 0.06 m in amplitude at a speed of 1.6 m/s, the excitation
takes 0.2125 s duration.
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Figure (6-16): Experimental and theoretical comparision for sprung mass center
response due to impulse excitation at front tire of 0.34 m in lenght and
0.06 m in amplitude at a speed of 1.6 m/s, the excitation takes0.2125 s
duration.

6.2.4 Passive Response: Comparison with Previous Work

A prior work [43] illustrated the sprung mass center response for its
parameter values listed in Table (6-3). The sprung mass center displacement
provided by the prior work using its MATLAB Simulink software is
depicted in Figure (6-17), and that using the MATLAB Simulink program is
demonstrated in Figure (6-2) for the same prior work parameter values. The
program may be relied upon because the variations between the two plots

are so minor (maximum variation equals 0.106 %).
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Figure (6-17): Sprung mass center passive response compared to previous
work by reference [43]

Table (6-3): Half-car model parameter values [43].

Parameter Value Unit
L, 1.011 m
Ly 1.803 m
bs 0 N.s/m
b, 0 N.s/m
b, 1290 N.s/m
b, 1620 N.s/m
H 0.225 S
Je 2460 kg.m?
kq 19960 N/m
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Parameter Value Unit
k, 17500 N/m
ks 175500 N/m
k, 175500 N/m
mg 730 Kg
My 40 Kg
my» 35.5 Kg
v 12.5 m/s

6.3 Sprung Mass Angle of Rotation (0)

In chapter three, it was assumed that the Sprung mass angle of
rotation is very small to derive equations of motion. Experimental test rig
results for passive and smart dampers show that this angle equals 0.037
radians (peak value), as illustrated in Figures (6-18, 6-19, and 6-20) for
front, front and rear, and rear test rig tire excitations, respectively. This angle
Is the lowest in value for the smart case than the passive case due to the
control valves of the smart dampers that provide the lowest sprung mass

overshoot, affecting the rotational angle as a result.
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Figure (6-18): sprung mass rotation angle due to impulse excitation at front tire of
0.34 m in lenght and 0.06 m in amplitude at a speed of 1.6 m/s, the
excitation takes0.2125 s duration.
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Figure (6-19): sprung mass rotation angle due to two impulse excitations at front &
rear tires respectively of 0.34 m in lenght and 0.06 m in amplitude at a
speed of 1.6 m/s. The excitation takes 0.2125 s duration.
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Figure (6-20): sprung mass rotation angle due to impulse excitation at rear tire of
0.34 m in lenght and 0.06 m in amplitude at a speed of 1.6 m/s, the
excitation takes0.2125 s duration.

6.4 Damper Hydraulic Flow Rate

During the damper compression stroke, the damper hydraulic fluid
flows from the bottom to the top of the damper through the check valve,
while at the rebound stroke, the fluid flows inversely from the top to the
bottom of the damper through the control valve. Figures (6-21) and (6-22)
illustrate the smart and passive damper hydraulic flow rate against the
compression and rebound stroke time, respectively. The front damper
hydraulic flow rate is greater than the rear one because the front damper's
relative velocity is greater than the rear damper's relative velocity, and
hence, a lower flow rate; the flow rate is proportional directly to the relative

velocity.
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Figure (6-21): Smart damper hydraulic flow rate during the compression and rebound
strokes due to impulse excitation at front tire of 0.34 m in length and
0.06 m in amplitude at a speed of 1.6 m/s, the excitation takes 0.2125 s

duration.
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Figure (6-22): Passive damper hydraulic flow rate during the compression and
rebound strokes due to impulse excitation at the front tire of 0.34 m
in length and 0.06 m in amplitude at a speed of 1.6 m/s, the
excitation takes 0.2125 s duration.
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Chapter Seven: Conclusions and Future Work

7.1 Introduction

The seventh chapter consists of the main conclusions observed from
the work presented in the previous chapters, as well as the suggested future
works that deserve to be points of investigation. The main aim of this study
Is to use a simple mechanical smart active to damp the vibration of
automobiles when moving on irregular roads. This work is focused on using
a hydraulic control valve to make the damping of the suspension system

proportional to the hardness of the road's irregularity.

7.2 Conclusions
From the current work, the following findings are drawn:
1- The use of the half-car model is suitable for simulating automobile
dynamics.
2- The optimization technique is suitable for finding the parameter
values used in the smart damper. The Simulink program is suitable
for this purpose.
3-The smart damper is effective in attenuating the vibration of the
automobile where it resulting in a reduction of the overshoot of the
sprung mass by about 65% and the settling time by about 55%..
4- The above result is very important in rising the riding comfort
and increasing road handling with good automobile stability.
5- The constructed rig is suitable to verify theoretical work having the

same parameters used in the rig.

107



Chapter Seven Conclusion and Future Work

7.3 Suggestions for Further Research

The following ideas are proposed for further research in light of the work
that has been presented:

1- Using an entire automobile model with a smart damper.

2- Examining the system control's experimental performance and reaction
when the system is activated by random excitation.

3- Analyzing the suspension system's response with a fuzzy controller and
smart damper.

4- Measuring road handling and energy dissipation.
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